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ABSTRACT 

McLemore,  James  Wilson,  M.S.M.E.,  Purdue  University,  June,  I963. 
Design  of  Equipment  for  Determining  Suspension  Characteristics  of  Heavy 
Vehicles.  Major  Professor:  B.  E.  Quinn,  Ph.D. 

A  tire  of  a  moving  vehicle  vill  in  general  exert  a  fluctuating  force 
upon  the  pavement.  This  force  will  consist  of  the  static  wheel  component 
of  force  due  to  motions  in  the  vehicle  suspension  system  that  are 
induced  by  irregularities  in  the  pavement  profile.  This  fluctuating 
force  component  is  frequently  referred  to  as  the  "dynamic  force"  and 
it  can  be  determined  by  measuring  the  fluctuations  in  the  air  pressure 
of  the  tire  as  the  vehicle  moves  along  the  highway. 

It  is  of  course  necessary  to  obtain  the  relationship  between  air 
pressure  and  tire  force  if  measurements  of  air  pressure  are  to  be 
used  to  determine  the  dynamic  force.  This  relationship  can  be  obtained 
by  simultaneously  measuring  the  air  pressure  and  the  tire  force  as  the 
tread  of  the  tire  is  subjected  to  a  sudden  motion. 

A  device  for  doing  this  with  trucks,  referred  to  as  a  truck 
calibrator,  is  described  in  this  report.  The  motion  of  the  tread  of  the 
tire  is  obtained  by  placing  a  wheel  of  the  truck  in  the  middle  of  a 
beam  that  is  pivoted  at  one  end  and  is  held  in  the  raised  position  at 
the  other  end  with  a  latch.  When  the  latch  is  released  the  beam  rotates 
through  a  very  small  angle  and  is  brought  suddenly  to  a  rest.  Fastened 
to  the  beam  is  a  force-measuring  transducer  upon  which  the  tire  rests. 


This  transducer  measures  the  force  of  the  wheel  upon  the  beam  at  all 
times  and  furnishes  the  force  measurement  previously  mentioned.  The  air 
pressure  measurement  is  made  by  a  separate  system  and  is  not  part  of  the 
calibrator . 

The  design  of  the  major  components  of  the  calibrator  is  outlined 
in  this  report.  Predicted  characteristics  are  checked  experimentally  to 
test  the  validity  of  the  design  theory  that  is  employed. 

The  truck  calibrator  is  presently  mounted  in  a  pit  near  the  Jet 
Propulsion  Laboratory  and  is  ready  for  service. 


CHAPTER  1 


INTRODUCTION 


'//hen  a  vehicle  is  driven  over  a  perfectly  smooth  highway,   it  experiences 
no  vertical  motion.     The  vehicle  body  travels  in  pure  horizontal  translation 
as  long  as  there  are  no  bumps  or  ripples  in  the  highway  surface  to  cause 
vertical  displacements. 

Such  an  ideal  highway  with  no  surface  irregularities  is  very  rare. 
Most  highways  have  some  bumps  or  waves  which  cause  an  up-and-down  motion  of 
the  vehicle  body.     These  profile  variations  could  be  present  in  a  newly  con- 
structed highway  due  to  the  contour  of  the  land.     In  older  highways  these 
could  be  due  to  deterioration  of  the  pavement. 

A  vehicle  parked  or  moving  over  a  "perfectly  smooth"  highway  exerts  a 
force  on  the  pavement  equal  to  the  static  wheel  load.     If  vertical  motions 
of  the  body  are  present,  they  cause  a  varying  or  dynamic  force  to  be  impres- 
sed upon  the  road  in  addition  to  the  stetic  wheel  load.     These  dynamic 
forces  are  functions  of  the  road  profile,   vehicle  velocity,   vehicle  suspen- 
sion characteristics  and  size  of  the  vehicle.     Generally,  larger  vehicles 
and  rougher* roads  give  rise  to  larger  dynamic  forces. 

The  exact  effect  of  these  dynamic  forces  on  pavement  behavior  is  not 
known.     One  school  of  thought  maintains  that  they  directly   influence  the 
wear  and  deterioration  of  the  road.     It  is  possible   that  varying  forces  could 
cause   stress  reversals  in  the  pavement,  which  might  result  in  fatigue  types 
of  failure.     Another  school  of  thought  contends  that  pavement  deterioration 
is  due  principally  to  the  adverse  effects  of  weather.     A  better  understanding 


of  the  relationship  between  dynamic  forces  and  highway  profiles  may  help  to 
explain  their  importance. 

The  research  program  of  which  this  thesis  was  a  part  had  two  over-all 
objectives:     They  were: 

1.  Development  of  a  means  of  predicting  the  dynamic 
forces  exerted  upon  a  specific  highway  as  a  given 
vehicle  travels  over  it. 

2.  Development  of  a  means  of  measuring  the  dynamic  forces. 

The  prediction  of  dynamic  forces  has  been  attempted  mathematically  (l)*. 
In  this  approach,  highway  elevations  were  measured  by  a  survey  team.     The 
power  spectral  density  function  was  computed  from  these  elevation  measure- 
ments.    This  gave  a  frequency  domain  characterization  of  the  highway  profile 
(when  the  vehicle  velocity  was  introduced)  which  can  be  thought  of  as  a 
displacement  input  to  an  elastic  system.     A  vehicle  suspension  system 
characteristic,   or  "transfer  function"  was  obtained  from  calibration  tests 
on  the  vehicle  which  was  used.     Combining  these,    the  prediction  was  made  of 
the  dynamic  force  that  would  be  exerted  upon  the  highway. 

Actual  measurement  of  dynamic  force  has  been  attempted  by  several 
methods   (2,  U,  £)•     On  this  project,  force  measurements  were  made  by  record- 
ing the  variation  in  air  pressure  occurring  in  a  tire  as  the  vehicle  traveled 
along  the  highway.     The  relationship  between  air  pressure  variation  and 
variation  in  force  on  the  highway  was  obtained  by  calibration  tests  on  the 
vehicle.     The  predicted  and  measured  values  of  the  dynamic  forces  should 
agree.     Emmerson  (2)   illustrated  this  schematically  in  Figure  1. 

*     Numbers  refer  to  the  bibliography. 
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In  both  the  prediction  and  measurement  of  dynamic  forces,  suspension 
characteristics  of  the  vehicle  were  needed.  Equipment  had  previously  been 
designed  to  be  used  in  the  calibration  of  passenger  vehicles  (1,  3)-  This 
thesis  describes  the  design  of  equipment  for  the  calibration  of  trucks. 


CHAPTER  2 


COMPARISON  OF  DIFFERENT  TYPES  OF  EQUIPMENT  USED  IN 
DETERMINATION  OF  SUSPENSION  CHARACTERISTICS 


De  Vries  (1)  designed  a  steady  state  vibrator  to  be  used  for  determin- 
ing suspension  system  characteristics.  This  device  gave  a  steady  state 
sinusoidal  displacement  to  the  wheel  of  a  car.  The  wheel  was  positioned  on 
a  load  cell  so  that  the  variation  of  force  of  the  wheel  on  the  cell  could 
be  recorded.  Air  pressure  variations  in  the  tire  could  also  be  recorded. 
While  the  amplitude  and  frequency  of  the  input  could  be  varied,  the  input 
was  always  a  pure  sinusoidal  motion. 

Later,  Hamilton  (3)  built  a  transient  test  device  for  use  with  passenger 
vehicles.  This  was  a  pivoted  beam  with  a  load  cell  at  the  center.   (3ee 
Figure  2).  The  vehicle  was  driven  up  on  the  beam  with  one  wheel  resting  on 
the  load  cell.  The  beam  was  then  raised  and  dropped.  This  produced  a  step 
input  to  the  wheel,  or  if  the  raising  and  lowering  was  done  in  one  continu- 
ous motion,  it  gave  a  pulse  input  to  the  wheel.   (See  Figure  3).  Both  types 
of  input  used  in  the  transient  test  seemed  to  have  advantages  over  the  steady 
state  input,  A  harmonic  analysis  of  the  pulse  and  step  inputs  is  shown  in 
Figures  k   and  £.  Both  of  these  inputs  are  made  up  of  a  series  of  harmonics 
of  different  amplitudes  and  frequencies,  while  as  mentioned  previously  the 
steady  state  test  input  was  made  up  of  only  one  amplitude  and  one  frequency . 
For  this  reason,  Hamilton  (3)  maintains  that  the  transient  test  yields  bet- 
ter results  than  the  steady  state  test  because  the  frequency  content  of  the 
transient  test  input  is  more  like  the  frequency  content  of  the  typical  hi,:ii- 
wav  as  determined  by  the  power  spectrum  analysis. 
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RECORD  OF  TYPICAL  PULSE 


RECORD  OF  TYPICAL  STEP  INPUT 


FIGURE  3 
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In  extending  De  Vries'   and  Hamilton's  work  on  suspension  characteristics 
to  include  trucks,   the  increased  weight  makes  size  problems  more  critical. 
A  steady  state  vibrator  for  trucks  would  be  extremely  large.     Also,  previous 
work  with  cars  indicates  that  the  two  types  of  transient  test  inputs  give 
similar  results x  and  the  steady  state  test  results  differed  greatly  from 
them.     As  mentioned  above,   this  is  probably  due  to  the  fact  that  the  har- 
monic content  of  the  transient  input  is  more  like  the  frequency  content  of 
the  highway.     For  these  reasons,   a  transient  test  was  selected  for  the  deter- 
mination of  truck  suspension  characteristics. 

The  transient  test  device  described  in  this  thesis  is  shown  in  Figure 
6.     It  consists  of  a  pivoted  beam  with  a  latch  mechanism.     A  hydraulic  jack 
is  used  to  raise  the  beam  and  the  latch  holds  it  in  the  raised  position.     The 
latch  is  then  tripped  and  the  beam  is  dropped.     With  the  beam  as  it  is     pre- 
sently constructed,  only  a  drop  test  can  be  obtained.     It  can  easily  be 
adapted,  however,   to  produce  a  pulse  input  by  the  addition  of  a  driving 
mechanism.     If  it  becomes  apparent  that  a  pulse  input  is  needed,  recommen- 
dations concerning  additional  equipment  to  be  used  with  the  existing  design 
are  given  in  Chapter  6. 
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CHAPTER  3 

FACTORS  INFLUENCING-  THE  DESIGN  OF  THE  CALIBRATOR 

As  stated  in  Chapter  2,  the  calibrator  described  in  this  thesis  con- 
sists principally  of  a  pivoted  drop  beam  and  a  latching  mechanism.  Two 
force  measuring  cells  are  mounted  on  top  of  the  beam.  These  consist  of 
plates  (which  support  the  wheels)  mounted  on  top  of  four  cylindrical  rings. 
Strain  gages  attached  to  the  rings  are  calibrated  to  measure  the  force 
exerted  upon  the  plate.  The  factors  influencing  the  design  specifications 
of  these  members  can  best  be  described  by  considering  individually  the 
major  components  of  the  calibrator. 

Drop  Beam 

The  legal  load  limit  for  one  end  of  a  truck  axle   is  9,000  pounds. 
However,   since  trucks  on  the  highways  are  sometimes  overloaded,  the  drop 
beam  may  possibly  be  used  to  calibrate  overloaded  trucks.     For  this  reason, 
a  static  design  load  of  lh,000  pounds  was  selected. 

The  drop  beam  must  support  the  static  load  of  1U,000  pounds,   and  also 
a  dynamic  or  fluctuating  load.     The  magnitude  of  the  dvnamic  force  which 
will  be  exerted  by  a  truck  on  the  beam  is  not  known,  but  previous  work   (6) 
with  passenger  vehicles  indicates  that  it  might  vary  from  approximately 
+  200  pounds  to  +  3,000  pounds. 

Although  extensive  tests  have  been  conducted  on  passenger  vehicles 
in  the  laboratory,  no  comparable  information  has  been  obtained  for  trucks. 
In  addition,  the  literature  contains  only  scanty   information   (7)  on  the 
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frequency  response  characteristics  of  these  vehicles.  Previous  work  with 
passenger  vehicles,  however,  made  it  seem  unlikely  that  any  frequencies 
above  30  cycles  per  second  would  be  excited  in  a  truck  test.  All  of  the 
natural  frequencies  of  the  loaded  drop  beam  should  be  much  greater  than  any 
frequency  excited  in  the  test.  This  condition  would  seemingly  be  met  if 
the  beam,  loaded  with  the  static  wheel  load  of  1^,000  pounds,  had  no  natural 
frequencies  below  $0   cycles  per  second. 

The  drop  beam  was  designed  to  accomodate  several  different  conditions. 
First,  it  was  made  wide  enough  to  accept  a  set  of  dual  wheels.  When  used 
with  duals,  the  force  variation  under  each  wheel  can  be  measured  separately. 
Secondly,  it  can  be  used  to  measure  the  force  variation  under  a  single  wheel 
,  without  inducing  an  eccentric  loading  in  the  drop  beam.  The  two  load  measur- 
ing cells  were  built  as  separate  modular  units,  making  the  changeover  from 
single  to  dual  wheels  very  simple. 

As  mentioned  in  Chapter  2,  the  beam  will  be  raised  with  a  jack  and 
will  be  held  up  with  a  latch.  Also,  the  beam  must  be  as  easily  and 
economically  fabricated  as  possible.  All  of  these  factors  made  it  desirable 
for  the  beam  to  weigh  as  little  as  possible.  In  the  completed  design,  the 
beam  weighed  about  600  pounds,  or  less  than  h*5   percent  of  the  static  wheel 
load  for  which  it  was  designed. 

Load  Sensing  Members 

The  load  sensing  members  used  in  the  load  cells  could  have  been  made 
in  several  forms.  Load  cells  utilizing  compression  members  as  load  sensors 
have  been  manufactured  and  sold  commercially.  In  this  particular  application, 
however,  a  relatively  small  force  fluctuation  was  superimposed  on  a  large 
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static  force.     The  load  sensing  members  therefore,  had  to  satisfy  the  follow- 
ing specifications: 

1.  They  had  to  be  strong  enough  to  support  the  static 
and  dynamic  loads ,  or,   the  maximum  stress  due  to 
the  maximum  static  load  had  to  be  much  less  than  the 
proportional  limit. 

2.  The  strains  caused  by  the  fluctuating  force  during  the 
test  had  to  be  sizeable  enough  to  measure. 

3.  The  rings  and  loaded  plate  should  have  no  natural  fre- 
quency below  SO  cycles  per  second. 

The  load  sensors  were  made  in  the  form  of  cylindrical  rings  because 
it  was  easier  to  obtain  the  required  sensitivity  with  rings  rather  than  with 
other  types  of  sensing  members.     Steel  or  aluminum  alloy  rings  could  have 
been  used,  but  it  is  shown  in  Chapter  k  that  aluminum  alloy  rings  provide  " 
better  sensitivity. 

Load-Bearing  Plate 

A  plate  was  designed  which  would  be  mounted  on  top  of  the  load  sensing 
rings  and  which  would  support  the  wheel.      (As  mentioned  previously,   two  such 
plate -and -ring  assemblies  can  be  placed  side  by  side  to  accommodate  dual 
wheels.)     In  previous  tests  on  passenger  vehicles  made  with  Hamilton's  drop 
beam,  plate  decelerations  as  high  as  seven  g's  were  measured.     These  high 
decelerations  were  caused  by  the  beam  suddenly  coning  to  rest  after  it  had 
been  dropped,  and  they  gave  rise  to  large   inertia  foroes,   due  onl;.    lo   the 
mass  and  deceleration  of  the  plate.     The  inertia  forces  were  directly  pro- 
portional to  the  weight  of  the  load  plate,   and  in  some  cases  were  almost  as 


1? 


large  as  the  force  variation  being  measured.     These   inertia  forces  intro- 
duced an  error  into  the  "transfer  function"  obtained  from  the  calibration 
test.     In  order  to  minimize  this  error  the  weight  of  the  load  plate  had  to 
be  reduced  as  much  as  possible  since  large  decelerations  are  needed  to  pro- 
vide the  impulse  that  excites  the  suspension  system  of  the  vehicle. 

Base  and  Installation 

The  weight  of  the  beam  and  accessories  was  great  enough  to  make  a 
portable  unit  impractical.     The  beam  was  therefore  designed  to  be  mounted  on 
a  base,  with  the  entire  device  recessed  in  the  ground  so  that  the  top  sur- 
face of  the  load  plates  was  flush  with  the  surface  of  the  ground.     With  this 
arrangement,   additional  ramps  or  structures  are  not  needed  to  support-  the 
other  wheels. 
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CHAPTER  h 

DESIGN  OF  PRINCIPAL  COMPONENTS 

The  design  of  certain  components  of  the   truck  calibrator  required  care- 
ful  analysis.      The  rings   for  measuring  the  applied  load  were  most  critical 
in  this  respect.     Careful  design  procedures  were  needed  to  select  load  ring 
dimensions  which  would  enable  the  rings  to  meet  all  of  the  design  specifi- 
cations.    The  drop  beam  also  required  careful  consideration.      An  attempt  wan 
made  to  make  the  beam  very  light,  and  yet  very  rigid.     The  wheel  supporting 
plates  used  in  the  load  cells  were  also  designed  to  be  very  light  and  ri^-iri. 
The  following  sections  describe  the  design  procedures  used  for  each  of  the 
above  components,  and  briefly  indicate  the  design  techniques  used  for  the 
less  critical  elements  of  this  device. 

Load  Ring  Dimensions 

As  stated  in  Chapter   3,   the  following  three   criteria  had  to  be    ror.sid. 
in  the  design  of  the  load  rings: 

1.  The  maximum  stress  occurring  in  the   ring  due   to 
maximum  wheel  load  had   to   be  well    below  the  proportional 
limit. 

2.  The   ring  and  plate   assembly,   when  loadf  I  witl      he  maximum 
wheel   load  had  to  have   a  fundamental  nati:r  A    t're  ;uencv 
well  above  any  frequency  excited   in   the  vehicle   du  r 

a  test. 
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3.     The  strain  sensitivity,  or  strain  measured  by  the 
strain  gages  per  pound  of  applied  force  had  to  be 
high  enough   so  that  sizeable   strains  would  be  pro- 
duced by  the  expected  forces. 
The  static  wheel  load  of  11^,000  pounds  represents  the  load  exerted  on 
the  beam  by  a  set  of  dual  wheels.     Each  load  plate  would  therefore  support 
a  maximum   static   load  of  75000  pounds,   and  therefore  each  of   the  four  rings 
supporting  the  plate  must  be  designed  for  a  maximum  static  load  of  1,750 
pounds. 

The  maximum  stress  occurring  in  a  ring   is  at  point   "A"    in  Figure  7  . 
and  is  equal   to   (8): 

M  C         P         R     .        ,0 
a     „   /   max      whw    12  > 

aa  ~  -r    ("-~^r~)(?)(~?) 


or 


6  P         R 
max 

-7=7  m    * 

a  max  , ,  2 

n    oh 


Where: 


P  -  maximum  static  load  of  1,1 $0  lbs.   on  each 

max 

R  3  mean  radios  of  the   ring 

b         =  width  of  ring 

h         ■  thickness  of  ring 

a         *  maximum  stress  in  ring,    (located   at   point   A) 
max 

I  -  area  moment  of  inertia  of   the  rrosa   88  I    thi    ri  rv 

at    'A"   about  an  axis  p«rp<  liar  to  t 

drawing .      ( I    "  jj  oh    •* 

M         ■  bending  moment  at   "A" 
a 

C  =  distanc-   from  the  neutral   axis   to   the  surf 

the  ring 


max 
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max 


FIGURE  7:  DRAWING  OF  FORCE  MEASURE*!  RINGS 
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Substituting  the  value  of  P    into  the  previous  equation,  it  becomes; 


R 


oh 

To  get  an  expression  for  the  strain  sensitivity,  it  is  necessary  to 

compute  the  strain  at  points  "3"  and  "C"  in  Figure  7,  since  these  are  the 

points  of  application  of  the  strain  gages.  The  stress  at  point  3,  a.  due 

b 

to  a  load  P  is: 

V     p 

ab  3  —  I  2A 

Where : 

^  -  .1817  PR  (15) 

A  -  bh 

and  other  quantities  are  the  same  as  previously  defined. 

Substituting  values  of  I,  M,,  C  and  rearranging: 

T-ft^liK  <2> 

on 

Equation  (2)  above  is  an  expression  for  the  "stress  per  unit  force"  at 
the  points  of  application  of  the  strain  gages-  This  can  be  changed  into  strain 
sensitivity  by  dividing  by  the  modulus  of  elasticity  E  of  the  material  from 
which  the  ring  is  made.  This  gives 

I*  -  (1^)(  A)  ♦  *r- 
P   ^  E  A~T;  -  SbnE 
on 

The  second  terra  on  the   right  hand  side  of  this  equation  is  much  smaller 
than  the  other  terms  and  therefore  can  be  neglected  for  the  present.     The 
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"strain  sensitivity  per  unit  force"  at  point  B  is  therefore  approximately: 

eb   ,1^09 v  R  x  ,„. 


The  load  rings,  wheel,  and  vehicle  suspension  system  are  actually  a 
complicated  elastic  system  having  several  degrees  of  freedom.  A  mathemati- 
cal model  of  this  system  would  be  quite  involved,  and  the  parameters  of  the 
model  would  be  different  for  different  vehicles.  Also,  non-linearities  in 
the  vehicle  suspension  system  would  add  additional  complications.  All  of 
these  factors  make  an  accurate  calculation  of  the  fundamental  natural  fre- 
quency of  the  vehicle  on  the  load  plate  and  rings  difficult.  Some  assump- 
tions can  be  made,  however,  which  facilitate  the  computation  of  a  lower 
limit  for  this  natural  frequency. 

If  the  static  wheel  load  of  1,750  pounds  per  ring  is  assumed  to  be  the 
weight  of  a  mass  concentrated  on  top  of  the  ring,  and  the  ring  is  considered 
as  a  linear  soring,  the  natural  frequency  is: 


<n  -  *  1/7^  (a) 


max 


Where: 


k    a  spring  rate  of  the  load  ring 

f    *  natural  frequency  of  the  loaded  ring  in  cycles  per  second 


n 


P    =  load  per  ring  as  defined  before 
max 


The  natural  frequency,  f  ,  calculated  from  the  above  relationship  is 
either  equal  to  or  lower  than  the  fundamental  natural  frequency  of  th« 
loaded  ring. 
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The  deflection  of  the  load  ring  in  the  direction  of  the  load,  6,  may- 
be calculated  by  the  Theorem  of  Castigliano  (9)  which  gives 

6  =  .1U9  ^ 

Where  P  is  the  load  applied  to  produce  the  deflection  6,  and  the  other 
quantities  are  the  same  as  previously  defined. 

The  spring  rate  of  the  ring,  k,  is  the  load  per  unit  deflection,  or 

k  -£ 

K   6 

Substituting  values  of  6  and  I,  the  spring  rate  becomes 

1       , 

v  - E  (rc bh  > 

(.1U9)  IT 


or 


I  j_j      v/al  q 


E  bh'    .  (£) 


Substituting  equation  (5)  into  equation  (U),  the  lower  limit  value  for 


the  natural  frequency  f  ,  becomes 


f  -  (A  1/^tJ^ <6> 

''(l. 79)  RJ  P 


max 


Substituting  the  value  of  P   ,  equation  (6)  can  be  written: 


f  .  (.o559,l&!  (7) 

n         W   RJ» 


Equations  (1),    (3),   and  (7)  are  expressions  of  the  three  design  criteria 
to  be  satisfied.     It  should  be  noted  that  the   ring  width,   b,   appear,  linearly 
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in  equations  (1)  and  (3).     To  reduce  the  number  of  parameters,   b  was  arbi- 
trarily selected  to  be  1.0  inch.     This  simplified  the  three  equations  to: 


W  .  33U0 


A)  -  <i^  (9) 


P  Eh' 


fn       .  ,.0559N  h3/2  ,._. 

^T72-      (-^72}  h  (10> 


To  determine  usable  dimensions  for  the  rings,  the  above  equations  must 
be  satisfied  along  with  the  following  practical  limitations: 

1.  a    <  1*0,000  psi,  a  safe  working  stress  for  steel  or  some 

max 

aluminum  alloys 

2.  f  >  US>  cycles  per  second 

eb 

3.  (— -)  >  .$8   microihches  per  inch  per  pound  of  applied  load 

(This  sensitivity  is  the  same  as  Hamilton's  load  cell,  which 
is  satisfactory. ) 
li.  From  a  practical  point  of  view,  R  should  not  be  less  than 
1  inch,  and  not  more  than  3  inches. 

R  R 

$.     The  ratio  (£)  should  be  as  large  as  possible.  If  (^)   is 
greater  than  ten,  thin  ring  theory  holds  very  well  (10). 
Equation  (8)  was  plotted  on  log-log  paper  in  Figure  8.  A  line  cor- 
responding to  a    =  U0,000  lbs ./square  inch,  R  -  1  inch  was  drawn.  The 
intersection  of  this  line  and  the  plot  of  equation  (8)  establish  a  lower 
limit  on  "h",  -  that  is,  h  must  be  greater  than  .29  inches. 
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RDJQ  THICKNESS, 


FIQORE  8 1  MAXIMUM  STRESS  RATIO  VS  RING-  THICKNESS 
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Next,  equation  (9)  was  plotted  on  log-log  paper  in  Figure  9  for  values 

of  R  from  1  inch  to  3  inches  and  for  values  of  E  for  steel  and  aluminum.  A 

£b 
line  corresponding  to  —  ■  .58  microinches  per  inch  per  pound  was  drawn  on 

P 
Figure  9.  An  examination  of  Figure  9  shows  that  the  intersection  of  the 

line  (y)  -  .58  and  the  plot  of  equation  (9)  for  aluminum  which  has  a  modulus 

E  of  10.5  x  10  ,  and  R  »  3  inches  puts  an  upper  limit  on  "h".  Only  two  of 

the  original  three  criteria  have  been  used,  and  h  is  bounded  above  and 

below: 


.29"  <  h  <  .73" 

Equation  (10)  was  plotted  as  Figure  10.  Lines  corresponding  to  R  =  1, 
R  *  2,  R  »  3  were  drawn.  Lines  corresponding  to  f  •  US   cps  for  both  alum- 
inum and  steel  rings,  and  the  upper  and  lower  limits  on  h  were  also  drawn. 
From  Figure  io>  it  can  be  seen  that  the  frequency  limitation  (U5  cps  or 
greater)  and  the  upper  limit  on  h  restrict  Rin  the  following  manner: 

For  aluminum  rings:  1.0"  <  R  <  1.8" 

For  steel  rings:  1.0"  <  R  <  2.7" 

Re-examining  Figure  9  for  the  effects  of  these  limitations  on  R, 
it  appears  that  the  upper  limit  on  h  has  been  lowered.  For  aluminum  rings, 
h  cannot  be  greater  than  -56  inches,  and  for  steel  rings  h  cannot  be  greater 
than  .k   inches. 

Referring  again  to  Figure  10  to  determine  the  effects  of  these  additional 
limitations  on  h,  it  can  be  seen  that  for  either  steel  or  aluminum  rings  the 
maximum  allowable  value  of  R  has  been  reduced  to  about  1.5  inches.  Figure  9 
shows  that  if  R  is  not  greater  than  1.5  inches,  for  steel  rings,  the  upper 
limit  on  h  has  been  further  reduced  to  about  .32  inches.  For  aluminum  rings 
the  upper  limit  on  h  has  been  reduced  to  about  .50  inches. 
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RING  THICKNESS,  h  (Inches) 
FIODRE  91  STRAIN  SENSITIVITT  VS  RING-  THICKNESS 
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2  2.5        3 


.ou 


5  6/8      9^ 

RING  THICKNESS,   h     (inches) 


7        8      9     10 


FIGURE  10:  NATURAL  FREQUENCY  RATIO  VKRSIJS  RING  THTCK 
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The  shaded  area  on  Figure  10  is  the  region  containing  parameters  for 
aluminum  rings  which  will  satisfy  the  design  specifications.  It  should  be 
noted  that  there  is  no  usable  region  for  steel  rings.  When  the  upper  limit 
on  h  was  limited  to  .32  inches  for  steel  rings,  Figure  10  further  limited 
the  upper  limit  on  R  to  about  1.2  inches.  The  sensitivity  condition  in 
Figure  9  then  reduced  the  upper  limit  on  h  to  approximately  the  same  value 
as  the  lower  limit,  so  that  no  usable  region  exists  which  will  satisfy  all 
of  the  design  specifications. 

Any  point  in  the  shaded  area  of  Figure  9  which  is  also  in  the  shaded 
area  of  Figure  10  will  satisfy  the  design  specifications.  Points  lying 
just  outside  of  one  of  the  shaded  areas  may  be  close  enough  to  be  usable. 

Several  possibilities  were  picked  from  the  graphs  and  investigated. 
The  graphical  method  was  checked  by  substituting  the  selections  into  the 
original  equations.  Examples  of  sets  of  parameters  which  either  satisfy, 
or  very  nearly  satisfy  the  specifications  are: 

SET  I 


and 


R 

=  1.0" 

h 

-     .U« 

f 

n 

=  U5-8  cps 

P 

=   .65 

cmax 

-  20,900  psi 

R 

-  2.5 

SET  II 

- 

R 

-  1.1" 

h 

=»     .U" 

f 
n 

-  UO.O  cps 

e 

-   .7lU  MEI/Ib 
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amax  *  23'°°°  P3i 

i      ■  ^ 

In  both  instances  b  isl.0  inch  and  the  material  is  707$  T-6  Aluminum 
or  202U  T-U  Aluminum. 

The  second  set  of  parameters  was  selected  for  the  ring  dimensions. 
While  the  natural  frequency  for  these  dimensions  may  be  slightly  low,  the 
sensitivity  is  very  good.  Eight  rings  of  this  size  were  made  from  2021*  T-U 
Aluminum  alloy. 

One  minor  discrepancy  remains  to  be  resolved-  The  thin  ring  theory  used 

in  the  above  design  procedure  contains  errors  introduced  by  the  small  value 

R      R 
of  the  ratio  r-.  If  t-  was  two,  there  would  be  a  17  percent  error  introduced 

into  the  maximum  stress  calculation  by  using  thin  ring  theory  (11).  To 
correct  this  error-,  the  selected  design  parameters  must  be  checked  using 
thick  ring  theory. 

Using  thick  ring  equations  (12),  the  maximum  stress  was  computed  to  be 
26,100  pounds  per  square  inch  rather  than  the  23,000  pounds  per  square  inch 
value  obtained  from  thin  ring  equations.  The  strain  sensitivity  is  different 
at  the  inside  and  outside  strain  gage  positions,  but  the  strain  sensitivity 
per  ring  (U  gages)  is  the  same  as  that  computed  by  thin  ring  equations. 
Therefore,  the  selected  design  is  safe,  and  the  sensitivity  is  slightly  bet- 
ter than  the  value  specified. 

Load-Dearing  Plate 

As  mentioned  in  Chapter  3,  the  load  bearing  plate  must  be  as  light  as 
possible  in  order  to  reduce  the  inertia  force  measured  by  the  ]oad  rings. 


29 


The  original  load  plate  used  with  Hamilton's  load  cell  (3)  was  a  homogeneous 
plate  made  of  steel.  When  it  became  apparent  that  the  weight  of  the  load 
plate  created  a  problem,  an  aluminum  alloy  plate  of  the  same  size  was  sub- 
stituted for  the  steel  plate.  This  reduced  the  weight  by  a  factor  of  three, 
however  it  was  felt  that  further  weight  reduction  was  needed,  particularly 
in  the  design  of  the  truck  calibrator  plates. 

As  an  experimental  design,  a  built-up  plate  was  constructed  for  use 
with  Hamilton's  load  cell.  The  plate  was  a  laminated  design  consisting  of 
two  sheets  of  2k   ST  aluminum  alloy  bonded  on  both  sides  of  a  1  inch  sheet 
of  plywood  with  epoxy  resin  to  form  a  sort  of  "sandwich".  This  plate  was 
used  extensively  in  calibration  tests  on  passenger  vehicles  and  served  its 
purpose  quite  well. 

The  experimental  plate  described  above  had  proved  that  the  use  of  such 
a  laminated  plate  was  feasible.  The  same  method  of  calculation  used  in  the 
design  of  the  experimental  plate  was  then  used  to  design  load  plates  for 
the  truck  calibrator.  The  truck  calibrator  plates  were  constructed  in  much 
the  same  manner  as  the  previous  plate,  but  were  built  to  support  larger 
tires  and  greater  loads.  Design  calculations  are  outlined  in  the  following 
section . 

Design  Calculations 

The  following  design  assumptions  were  made: 

1.  The  plate  is  homogeneous,  isotropic,  and  simply 
supported. 

2.  Stresses  and  deflections  can  be  calculated  by  consider- 
ing the  plate  to  be  a  beam  of  the  same  length  and  width. 
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3.  The  maximum  static  wheel  load  of  7,000  pounds  per 
plate  can  be  considered  as  a  constant  uniformly 
distributed  load  over  the  plate  surface,  since  the 
tire  print  size  at  this  force  level  is  about  the 
same  size  as  the  plate. 
While  the  above  assumptions  are  not  entirely  true,  a  large  factor  of 
safety  was  used  to  compensate  for  the  uncertainty. 

The  required  section  modulus  and  moment  of  inertia  were  calculated. 
The  aluminum  plates  were  then  designed  so  that  by  themselves  they  had  tne 
required  moment  of  inertia.  The  plywood  was  used  only  as  a  filler  to  con- 
nect the  two  plates. 

The  equivalent  beam  is  shown  in  Figure  11 .  The  maximum  moment  occurs 
at  the  center,  and  is  equal  to  10,500  pound  inches.  The  aluminum  plates  were 
made  from  202U  T-U  alloy,  which  has  a  yield  point  stress,  a ,   of  U2,000 
pounds  per  square  inch.  If  a  factor  of  safety  of  eight  is  used,  the  required 
section  modulus  is: 

_    max    max  (F.o. ) 
Z  =  = 

CT  O 

w       yp 


Where : 


Z   ■  —  *  section  modulus 
c 


a   *  working  stress 
w 

M    ■  maximum  moment  of  10,500  nound  inches 
max 

Substituting  numerical  values,  the  section  modulus  becom«8 
z  ,  (io,SQ0)(6)  ,  2.0(ln.)3 

(U2,000) 


583  lb./in. 
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3500  lbs, 


FIGURE  11:  EQUIVALENT  BEAM  FOR  LOAD  PLATE 
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If  aluminum  plates  .125  inches  thick  are  used,  the  moment  of  inertia 
can  be  calculated:  (See  Figure  12  ) 

I   -  2  A  d2 


Where: 


But 


A  *  cross  sectional  area  of  one  aluminum  plate, 

d  ■  distance  from  centroid  of  the  aluminum  plate  to 

the  neutral  axis. 

Substituting  values: 

2 

i  =  (2)(8)(.i25)[h  y12*] 

_  _  6U  h2  -  16  h  +  1 
I  =  -^ 


Vi    7 

I  =  -*-  =  h,       therefore: 

.        6U  h2  -  16  h  +  1 

h  =  535 ,       or 


6U  h2  -  1UU  h  +  1  =  0 


h  =  2.25  inches 

The  load  plates  were  constructed  using  plywood  2  inches  thick  and  two 
sheets  of.  202li  T-U  aluminum  alloy  having  a  thickness  of   .125  inches. 

Drop  Beam 

As  stated  in  Chapter  3,  the  drop  beam  must  support  a  maximum  static 
load  of  Hi, 000  pounds  and  an  additional  fluctuating  force  during  a  test. 
The  beam  must  be  wide  enough  to  accommodate  dual  wheels.  To  reduce  material 
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FIGURE  12:  LOAD  PLATE  CROSS  SECTION 
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costs,  and  facilitate  assembly  and  use,  the  beam  should  be  as  light  as  pos- 
sible. It  should  have  no  natural  frequencies  in  the  range  of  frequencies 
excited  in  a  test. 

The  beam  length  was  chosen  to  be  six  feet,  or  five  feet  six  inches  from 
pivot  shaft  center  line  to  latch  point.  (Figure  6)  If  the  beam  was  longer, 
it  would  not  be  as  stiff.  It  could  not  be  much  shorter  than  the  chosen 
length  because  of  the  tire  size.  Also,  a  shaft  was  inserted  through  the 
moving  end  of  the  beam,  the  center  line  of  which  is  five  feet  from  the  cen- 
ter line  of  the  pivot  shaft.  This  shaft  was  intended  for  use  with  a  driving 
mechanism  if  such  a  mechanism  is  added.  (A  suggested  driving  mechanism  is 
described  in  Chapter  6.) 

The  beam  width  was  selected  to  be  thirty  inches.  This  is  just  about 
the  minimum  width  which  can  comfortably  accommodate  dual  wheels. 

The  cross  section  of  the  beam  was  designed  in  the  form  of  a  built-up 
section,  made  of  thin  sheet  steel.  This  was  done  in  an  attempt  to  get  as 
stiff  a  beam  as  possible  with  as  little  weight  as  possible.  (While  the 
beam  has  been  repeatedly  referred  to  as  a  "beam",  the  length  and  width 
dimensions  given  above  make  it  seem  that  the  beam  should  correctly  be  called 
a  "plate".)  With  this  cross-section,  a  large  area  moment  of  inertia  can 
be  obtained  with  a  minimum  amount  of  metal. 

Beam  Natural  Frequency 

Calculation  of  the  fundamental  natural  frequency  of  the  loaded  beam 
would  be  difficult,  however  a  frequency  can  be  calculated  which  will  be 
equal  to  or  lower  than  the  lowest  natural  frequency.  This  can  be  done  by 
making  the  following  assumptions: 
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1.  The  assumptions  of  elementary  strength  of  materials 
and  linear  elasticity  hold  (13)- 

2.  The  beam  is  simply  supported,  with  a  span  length  of 
five  and  one  half  feet. 

3.  The  beam  supports  a  concentrated  load  at  the  center 
equal  to  the  static  wheel  load  of  1U,000  pounds. 
(See  Figure  13  . ) 

With  these  assumptions,  no  natural  frequency  could  be  lower  than: 

"ivy 

Where : 

k  =  spring  rate  of  a  simply  supported  beam 

W  =  static  wheel  load  of  lii,000  pounds 

g  ■  -acceleration  of  gravity 

For  a  simply  supported  beam  with  a  concentrated  load  at  the  center, 
the  spring  rate  is: 

U8  E  I 


Where: 


1  =  length  of  span,  five  and  one  half  feet 
I  =  area  moment  of  inertia  of  the  section 
E  ■  modulus  of  elasticity  of  the  material 

The  lower  limit  on  the  natural  frequency  is  therefore: 

1 


f  - 


2T 


(11) 
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FIOURS  13:      SKETCH    OF  DROP  BEAM  LOADING 
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By  rearranging  equation  (11),  the  moment  oi  inertia  necessary  to  esta- 
blish this  lower  limit  is 

12  E  g 

If  a  lower  limit  for  the  natural  frequency,  f ,  is  chosen  to  be  fifty 
cycles  per  second  and  other  numerical  values  are  inserted,  I  becomes: 

j   =  n2  ($0)2(lU,0OO)(66)3 
(12)(30x  106)(386) 

I  =  71U  in.1* 

The  above  calculations  show  that  in  order  to  guarantee  that  the  beam 
has  no  natural  frequency  below  %0   cycles  per  second  it  must  have  an  area 
moment  of  inertia  of  7lU  in.  .  Wheel  sizes  also  require  it  to  have  the 
length  and  width  previously  mentioned. 

The  required  moment  of  inertia  could  have  been  obtained  by  using 
standard  structural  members,  but  because  the  beam  must  be  30  inches  wide, 
several  members  would  be  needed  to  support  the  bearing  load  on  top  of  the 
beam  and  to  guard  against  bending  of  the  beam  in  the  transverse  direction. 
Obviously,  the  beam  can  be  made  as  stiff  as  desired  by  putting  a  greater 
quantity  of  steel  into  it.  The  number  of  structural  members  needed  would 
make  the  beam  extremely  heavy.  In  view  of  this,  a  light  gage  cold  formed 
steel  section  seems  to  have  distinct  advantages. 

The  design  of  light  gage  steel  structural  members  has  been  extensively 
treated  in  the  literature.(lU).  In  the  reference  cited,  specifications  are 
given  for  the  design  of  many  types  of  sections .  In  the  design  of  the  drop 
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beam,  however,  the  combination  of  bending  and  concentrated  bearing  loads 
makes  some  type  of  internal  cross  bracing  necessary  if  light  gage  steel  is 
to  be  used.  A  schematic  drawing  of  the  drop  beam  cross  section  and  the 
method  of  bracing  used  is  shown  in  Figure  1)4.  Such  a  cross  section  is  not 
specifically  treated  in  the  above  reference. 

The  internal  bracing  is  needed  to  support  the  bearing  load  on  the  beam 
even  if  it  does  not  contribute  to  the  resistance  to  bending.  There  is  some 
doubt  as  to  just  what  part  of  the  total  cross  section  can  be  considered  as 
contributing  to  the  effective  moment  of .inertia.  For  stiffened  light  gage 
members  (lU),  design  specifications  state  that  the  design  should  be  based  on 
a  reduced,  or  "effective"  width.  However,  as  previously  pointed  out,  the 
specifications  do  not  treat  the  type  of  bracing  used  in  the  drop  beam.  If 
the  effective  width  is  applied  to  the  outer  shell  of  the  beam,  (assuming 
that  the  bracing  does  not  offer  any  resistance  to  bending.)  The  moment  of 
inertia  computed  from  the  reduced  section  is  about  110  in.u.   (See  Figure 
15) .  If  the  diagonal  braces  are  considered  as  running  longitudinally  and 
the  entire  cross  section  is  considered  as  effective,  then  the  minimum  moment 
of  inertia  encountered  throughout  the  beam  length  is  about  700  in.4,  which 
is  very  nearly  equal  to  the  required  moment  of  inertia  that  was  calculated. 

For  design  purposes,  it  was  assumed  that  the  entire  cro3s  section  con- 
tributed to  the  effective  moment  of  inertia,  and  that  the  effective  moment 
of  inertia  was  700  in.  .  This  assumption  was  made  with  full  realization 
of  the  uncertainties  involved.  In  the  next  section,  it  will  be  shown  that 
steps  were  taken  to  reduce  the  effects  of  these  assumptions. 
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Base,  Pit,  and  Assembly 

There  is  considerable  uncertainty  regarding  the  effective  moment  of 
inertia  of  the  beam.  Because  of  this  uncertainty,  the  base  on  which  the 
beam  is  mounted  was  designed  in  such  a  way  as  to  make  the  beam  stiffness 
less  critical.  In  Figure  6,  it  can  be  seen  that  when  the  beam  bottoms  in 
a  drop  test  it  bottoms  on  the  base  over  three-fourths  of  the  length.  This 
prevents  first  mode  vibrations  from  occurring.  As  an  additional  precaution, 
the  beam  also  bottoms  on  sheets  of  foam  rubber.  The  rubber  acts  as  a  damp- 
ing material  to  assist  in  damping  out  higher  mode  vibrations. 

The  entire  base  and  beam  assembly  was  mounted  in  a  pit.  Concrete 
flooring  and  walls  6  inches  thick  were  constructed  in  a  pit  with  inside 
dimensions  of  8  feet  by  10  feet  by  39  inches  deep.  The  base  was  bolted 
to  the  concrete  floor. 

The  beam  pivot  shaft  was  mounted  in  self -aligning  sleeve  bearings  on 
the  base.  The  modular  load  cells  were  mounted  on  top  of  the  beam  and  are 
easily  removable.  Wooden  runways  on  top  of  the  beam  make  the  top  of  the 
beam  level  with  the  top  of  the  load  plates.   (See  Figure  ^) 

An  adjustable  latch  bracket  on  the  moving  end  of  the  beam  makes  it 
possible  to  adjust  the  drop  height.  When  the  beam  is  raised,  a  pivoted 
latch  engages  the  latch  bracket  to  hold  up  the  beam.  For  a  drop  test,  the 
latch  is  pulled  out,  allowing  the  beam  to  fall. 


CHAPTER  5 

TEST  RESULTS 

Several  components  of  the  calibrator  were  tested  in  the  Structures 
Laboratory  of  the  Civil  Engineering  School.     The  following  sections  describe 
the  tests  performed,  and  compare  the  test  results  with  predictions. 

Test  of  Load-Bearing  Plates 

The  two  load-bearing  plates  were  mounted  on  rings  in  the   same  manner 
in  which  they  will  be  used.     The  assembly  was  placed  in  a  testing  machine 
and  a  force  was  applied  to  the  plate.     The  force  was  applied  over  an  8  inch 
by  12  inch  area,   since  this  is  the  approximate  size  of  the  tire  print  when 
the  tire  supports  a  load  of  7,000  pounds. 

The  plates  were  designed  for  a  static  load  of  7,000  pounds.     They  must 
also   support  a  dynamic  load.     The  test  machine  used  was  capable  of  exerting 
only  a  static  force,   so  to  simulate  the  more  extreme  operating  conditions, 
static  forces  far  in  excess  of  7,000  pounds  were  applied. 

Both  plates  were  loaded  up  to  10,000  pounds   several   times.     Each  time 
when  the  load  was  removed  they  were  examined  and  no  visible  damage  could 
be  seen. 

One  plate  was  loaded  to  15,000  pounds  in  an  attempt  to  determine  the 
maximum  load  that  it  would  support.     Between  ten  and  1$  thousand  pounds, 
cracking  sounds  were  heard,   and  it  could  be  seen  that  the  epoxy  resin  was 
cracking  away  from  the  edges.     At  15,000  pounds,   a  slight  deflection  at  the 
center  could  be  visibly  detected,   and  the  corners  of  the  aluminum     plates 
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had  separated  from  the  plywood.     When  the  load  was  removed,  no  permanent 
set  could  be  seen  in  the  plate,  and  the  only  apparent  damage  was  the  cracked 
epoxy.     This  test  yielded  a  very  important  observation:     although  the  plate 
was  loaded  to  more  than  twice  the  static  load  for  which  it  was  designed  and 
most  of  the  epoxy  had  cracked  away,  it  still  supported  the  load.     The  plate 
was  repaired  by  re-cementing  with  epoxy,  and  was  once  again  serviceable. 

After  the  test,  one  slight  modification  was  made  on  the  plates.     Eight 
one-fourth  inch  bolts  were  inserted  through  each  plate,  one  at  each  corner 
and  one  half  way  between  each  two  corners  near  the  edge.     It  was  felt  that 
these  bolts  would  carry  part  of  the  stress  on  the  cement  between  the  plate 
and  the  plywood,  and  at  the  same  time  prevent  separation  at  the  corners. 

Calibration  of  Load  Rings 

After  the  load  cells  were  assembled  in  final  form,  a  test  quite  simi- 
lar to  the  one  described  in  the  previous  section  was  used  to  calibrate  the 
load  sensing  rings. 

There  are  four  strain  gages  on  each  of  four  rings  supporting  a  load 
plate.     The  16  gages  constituting  one  load  cell  were  connected  as  shown  in 
Figure  16  to  form  a  four-arm  bridge.     The  strain  sensitivity  was  calculated 
in  Chapter  h  to  be   ,7lU  micro  inches  per  inch  per  pound  of  force  applied  to 
the  ring  for  each  gage.     In  the  test,  a  force  was  applied  to  the  plate. 
The  force  on  the  plate  was  varied  from  zero  up  to  7,000  pounds,  and  the 
strain  per  gage  was  recorded  at  £00  pound  force   increments.     A  curve  of 
Strain  (per  gage)  versus  Force  Applied  to  a  ring  is  shown  in  Figure  17. 
(The  force  exerted  on  one  ring  is  one-fourth  of  the  force  exerted  on  the 
plate).     The  slope  of  this  curve  is  the  strain  sensitivity  as  it  was  defined 


llii 


8 


^ 


o 

I 


o 


[    ^  °M    ]n 


v£« 


i;     7 


]«   -[ 


PQ  O 


I — [  1      1 — i r— - — i — n r^"" — m — r— i 1 1 — i ■ 


US 

n — 


. 


o 


e 


5 


ltd  +mpw[tittv*)    &m  UM  WW 


C\l 

ifl 

■ ; ! J L— - 


U6 


In  Chapter  U.     The  measured  sensitivity  for  one  gage  was   .756  microlnches 
per  inch  per  pound  which  is  within  six  percent  of  the  predicted  value. 

Force  -  Deflection  Measurement  for  Drop  Beam 

The  drop  beam  was  tested  to  determine  the  actual  beam  stiffness.     A 
force  was  applied  at  the  center  of  the  beam  and  the  deflection  was  measured 
under  the  beam  on  each  side,  and  on  top  at  the  load  head.     The  curves  of 
Force  versus  Deflection  that  were  obtained  are  shown  in  Figure  18. 

The  slope  of  the  curves  was  found  to  be: 


k  *  5.33  X  Kr   pounds  per  inch 

The  measured  spring  rate  can  be  converted  to  an  effective  moment  of 
inertia,   Ieff  by 

m  k  l3  m  (5.33  x  10^)(6O)3 
eff  =  USr  (U8)(30xl06) 

Ieff  -  30  in.'"1 

The  effective  moment  of  inertia  is  actually  much  less  than  the  moment 
of  inertia  of  the  full  section,  and  even  slightly  less  than  the  value  calcu- 
lated by  the  effective  area  method  (1)0.     This  indicates  that  the  int-ernal 
bracing  contributes  virtually  no  resistance  to  bendinp,  and  that  the  effec- 
tive area  method  described  in  the  specifications  (lU)   is  only  approxima'--. 

The  failure  to  achieve  the  desired  beam  stiffness  is  not  as  alarm 
as  it  may  seem.     As  pointed  out  in  Chapter  h,  the  manner  in  which  the  beam 
is  supported  after  it  is  dropped  makes  the  beam  stiffness  much  less  criti- 
cal than  if  the  beam  were  supported  at  each  end  after  the  drop. 
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CHAPTER  6 

CONCLUSIONS  AND  RECOMMENDATIONS 

As  a  consequence  of  the  test  results  and  observations  made  on  the  com- 
pleted components  of  the  truck  calibrator,   the  following  conclusions  were 
reached: 

1«     The  design  specifications  for  the  load  rings  could  not 
be  satisfied  with  steel  rings,  however,  2021*  T-U  alumi- 
num alloy  rings  satisfied  the  conditions  reasonably  well. 

2.  The  design  procedure  used  in  selecting  the  load  ring 
dimensions  proved  to  be  very  workable.     Measured  strains 
agreed  closely  with  predicted  strains.     The  semi-graphical 
technique  described  in  Chapter  h  offers  a  systematic  ap- 
proach to  this  complicated  problem. 

3.  The  laminated  plates  performed  well  under  test.     The  de- 
Sign  technique  used  was  approximate,   but  an  exact  analysis 
of  the  behavior  of  non-homogeneous  plates  is  difficult 
and  therefore  a  large  factor  of  safety  was  used  with  the 
simpler  analysis.     The  "sandwich"  type  of  construction  is 
economical  and  can  be  used  in  other  applicationa  where 
light  weight  and  low  cost  are  important. 
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U.     The  AISI  specifications   (lh)  were  followed  closely  and  the 
beam  design  was  structurally  satisfactory.     The  desired 
stiffness  was  not  fully  realized,  however.     The  design 
of  the  base  and  the  method  for  supporting  the  beam  are 
such  that  the  beam  stiffness  is  less  critical   than 
originally  anticipated. 

5.  Internal  cress  bracing  in  the  beam  was  needed  to  support 
the  bearing  loads,  but  it  contributed  relatively  little 
resistance  to  longitudinal  bending. 

6.  The  adjustable  latch  bracket  makes  it  possible  to  vary 
the  drop  height.     Drop  heights  up  to  three-fourths  of 
an  inch   (at  the  load  cell)  can  be  achieved. 

Recommendations 

The  following  recommendations  are  suggested  for  operating  the  cali- 
brator: 

1.  The  static  wheel  load  should  never  exceed  7,000  pounds 
per  load  cell  plate. 

2.  The  following  parts  should  be  lubricated  as  specified: 

a.  The  three  bearings  on  the  beam  pivot  shaft  should 
be  lubricated  with  light  oil. 

b.  The  two  bearings  on  the  latch  pivot  shaft  should  be 
lubricated  with  light  oil. 

c.  Heavy  chassis  grease  should  be  used  on  the  two  latch 
surfaces:     the  adjustable  latch  bracket,  and  the 
mating  surface  on  the  latch. 
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3.     No  one  should  be  in  the  pit  during  a  drop  test. 
h.     Load  cells  should  be  removed  and  stored  indoors  when 
the  calibrator  is  not  in  use. 

As  previously  discussed,   the  drop  beam  will  be  released  from  an  ele- 
vated position  with  one  wheel  of  a  vehicle  in  position  on  the  load  plate. 
The  impulse  resulting  from  the  rapid  deceleration  of  the  beam  as  it  comes 
to  rest  will  produce  a  transient  motion  in  the  suspension  system  of  the 
vehicle.     By  analyzing  this  motion  the  frequency  domain  characteristics  of 
the  vehicle  can  be  determined. 

Future  research  may  indicate  that  it  is  also  desirable  to  raise  and 
to  lower  the  moving  end  of  the  drop  beam  in  a  prescribed  manner  in  order 
to  produce  a  different  transient  motion  in  the  vehicle.     Certain  provisions 
for  doing  this  have  already  been  built  into  the  calibrator  and  the  pit  in 
which  it  is  mounted  is  already  large  enough  to  accommodate  the  additional 
equipment.     The  driving  mechanism  to  raise  and  lower  the  beam  can  be  mounted 
on  a  separate  base  or  can  be  attached  to  the  present  structure. 

A  suggested  driving  mechanism  is  shown  schematically  in  Figure  19 .     It 
consists  of  a  toggle  mechanism  actuated  by  a  double-acting  piston  and  cylin- 
der.    A  storage  tank  of  compressed  air,  or  compressed  nitrogen  provides  the 
driving  force.     A  small   quantity  of  the  high  pressure  fluid  is  bled  into 
the  intermediate  tank.     The  quick-opening  valve  at  "A"   is  then  opened  caus- 
ing the  piston  to  drive  to  the  right.     The  tie  rod,   "C",  pulls  the  toggU 
mechanism  over  center,  producing  both  the  rise  and  fall  of  the  moving  end 
of  the  beam.     Pre-charging  of  the  cylinder  at  "B"  can  control  the  decele 
tion  of  the  piston.     Preliminary  calculations  indicate  that  standard  piston 
and  cylinder  devices  are  on  the  market  which  can  easily  be  utilized. 
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